A theoretical investigation of the lubricant transport across the top compression piston ring in a large two-stroke marine diesel engine is presented. A numerical model for solving Reynolds equation between the piston ring and cylinder liner based on the finite difference method in one dimension has been made. The model includes force equilibrium of the piston ring, perturbation of Reynolds equation, and transient mass conservation. The model represents a new method of achieving mass conservation across the piston ring and between different time-dependent positions. For analyzing the lubricant transport across the piston ring, two different kinds of initial lubricant profile on the liner and two different kinds of load are investigated i.e. a flat profile and an approximated triangular profile as well as no load and a combustion load based on a combustion pressure profile. The impact from the different load conditions and different lubricant profiles on the liner are presented for film thicknesses, development in the lubricant profiles on the liner as well as the lubricant consumption at each stroke.
Introduction
Piston ring lubrication has previously been studied by numerous authors e.g. the study by Hamrock and Esfahanian, 1 where numerical schemes were developed to solve Reynolds equation simultaneously with the load equilibrium equation for one cycle.
A theoretical investigation of the hydrodynamic lubrication of the top compressions ring in a large two-stroke marine diesel engine has previously been performed by the authors of this article in the study by Overgaard et al. 2 The cyclic variation throughout one stroke for the minimum film thicknesses at different interesting locations of the piston ring surface together with the friction and the pressure distribution history was computed and presented.
This article has been made in cooperation with MAN Diesel and Turbo SE and is presenting a new method for achieving mass conservation across the piston ring in both space and time. The long-term goal of the academic study is to reveal the lubricant behavior within a large two-stroke marine diesel engine and make suggestions for a future design in lubricant injectors. Large two-stroke marine diesel engines are lubricated differently than a conventional trunk engine e.g. in automotive engines. The cylinder lubricant in large marine engines is injected at a discrete position on the liner. It is supplied at every 2nd, 3rd, or maybe every 10th stroke at a discrete time and location based on the geometrical properties of the engine and the operating conditions. If the amount of lubricant is too small, the piston rings will dry out leading to increased asperity contact, abrasion, and increased friction as well as power loss and inadequate sealing between the combustion chamber gas and scavenging area. Furthermore, scuffing of the cylinder liner could occur. If the quantity is too large, the lubricant is transported into the scavenging area or end up in the combustion chamber, where it is either combusted or evaporated. It is of great importance to understand the lubricant transport between the injections in order to achieve an adequate injection volume.
From both an economic and environmental point of view, it would be reasonable to reduce the amount of cylinder lubricant as it is, if combusted, an expensive fuel.
The objective of this article is to investigate the lubricant transport across the piston ring for the first three crankshaft rotations at different operating conditions. The transport will be studied for no load versus an artificial combustion load as well as a flat lubricant profile versus a lubricant injection at a discrete location. The focus will be on revealing in which strokes the lubricant transport are most significant with the distribution between the up and downstroke as well as the lubricant behavior based on the operating conditions.
Method

Basic concept
A method was proposed by Overgaard et al. 2 to model the lubricant transport along the cylinder liner in large two-stroke marine diesel engines. The method is very briefly outlined in this section. A thorough examination of the method can be found in the study by Overgaard et al. 2 A sketch of a piston-crankshaft assembly, which could be in a large marine diesel, is seen in Figure 1 with the relationship between the crankshaft rotation and the piston ring velocity
In a typical two-stroke engine, multiple piston rings are present in a piston ring pack. If multiple rings are present, the bottom ring is an oil control ring with a fixed incline geometry, which is able to build lubricant pressure between the ring and liner in the upstroke leaving an oil trace behind. On the downstroke, the bottom ring is not able build pressure and is scraping oil in front of it. The top ring is a compression ring typically with a parabolic profile, which has an excellent ability of generating lubricant pressure and creating a sealing between the combustion gas above the ring and the scavenge air below.
A one ring system is chosen for making the influence of just one piston ring clear without making it too complicated with more rings where several phenomena between the rings might be present.
Reynolds equation
Reynolds equation is seen in equation (2) under assumption of only the liner moving while considering the lubricant being Newtonian, isoviscous, incompressible, and with constant density
where h is the oil film thickness, p is the oil pressure, u x is the liner velocity, 0 is the lubricant viscosity, and t is the time.
Film pressure distribution
Reynolds equation is solved approximately by a numerical central finite difference method of second order with explicit time stepping where h 0,old denotes the previous time step. The difference equation is seen in equation (3).
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where h is the oil film thickness, p is the oil pressure, u x is the liner velocity, 0 is the lubricant viscosity, Áx is the nodal distance, and Át is the time step. The difference equation is solved as a system of linear equations as shown in equation (4 A force equilibrium of the piston ring is achieved. A free body diagram of the piston ring showing the forces acting in the z-direction can be seen in Figure 2 . The friction force between the piston and piston ring is neglected together with all forces in the x-direction. p 1,gas and p 2,gas are the gas pressures, F 0 hyd is the hydrodynamic force of the oil and is computed by equation (5) 
where l hyd is the wetted length of the piston ring and p 0 is the oil pressure distribution derived from Reynolds equation in equation (2) . The minimum film thickness, h 0 , is the free parameter of the force equilibrium as it is determining F 0 hyd .
Perturbation of Reynolds equation
The perturbation method was suggested by Lund and Thomsen 4 where the assumed parabolic height profile, h ¼ h 0 þ rð1 À cosðÞÞ, is perturbed by an infinitesimal small disturbance, Áz, so that the height profile becomes h ¼ ðh 0 þ ÁzÞ þrð1 À cosðÞÞ. It should be noticed that is related to the geometry of the piston ring and not the crankshaft position. The lubricant pressure distribution is then affected by the disturbance with p ¼ p 0 þ p Á Áz. The perturbed Reynolds equation can be seen in equation (6) with respect to the perturbed pressure, p Á .
where p Á is the perturbed pressure and p 0 is the undisturbed pressure. By integrating the perturbed pressure over the wetted length, K z ¼ R l hyd p Á dx, a coefficient of stiffness, K z , can be found. The change in oil film thickness, Áz, due to the imposed disturbance is found by taking advantage of the dynamic properties of the stiffness coefficient as seen in equation (7).
where K z is the stiffness coefficient, Áz the change in oil film thickness, P F 
where h new is the new film thickness, h is the old film thickness, and Áz is the change in the film thickness.
The new minimum film thickness is inserted into the initial Reynolds equation in equation (2) and h new 0 is calculated again. The iterative procedure continues until the force equilibrium is reached for a given . The numerical flow chart for the iterative procedure is seen in Figure 13 in Appendix 1. 
Mass conservation
The face of the piston ring is seen in Figure 3 . An initial amount of lubricant is on the liner, h 1 in , and is assumed to be undisturbed by the piston ring and is either left behind by the piston ring in the previous stroke or injected on the liner. The undisturbed entering lubricant flow is defined as q 01 in and is calculated by the relationship between the piston ring velocity and the film thickness in equation (9).
The lubricant that goes under the piston ring is q 0?
and is computed as
where h ? is the film thickness where the wetted surface of the piston ring begins.
By an iterative procedure, the starvation point e.g. the position of inlet height, h ? , is changed to adjust the lubricant volume flow under the piston ring. In case of starvation, the inlet position moves towards the center of the piston ring. When fully flooded conditions are present, lubricant build-up in front of the piston ring occurs. In order to account for this build-up, the model must be able to transfer lubricant between the different positions, , on the liner. A control volume is imposed as shown in Figure 3 . The inlet height or starvation height for the present k , h 
The same calculations are done for the next i.e. k , and for maintaining mass conservation at different operation conditions a new starvation height, h ? k and corresponding area, A CV, k , represented by the dashed line in Figure 3 is calculated. Between the two lubricant has either been build-up or consumed by the piston ring. The phenomena are accounted for by the residual term, q 0 res , which is considered as the change in area between the two over the time step and is calculated by
Át
The transient mass conservation between the two is
A flow chart of the iterative procedure is seen in Figure 13 in Appendix 1.
All the different flow profiles can be seen in Figure 4 where q 
Flat lubricant profile on the liner
The thickness of the initial flat lubricant profile depends on the geometry of the piston ring. The film thickness is set to be half the height of the parabolic side of the ring. 
Triangular lubricant profile on the liner
In large two-stroke marine diesel engines, the lubricating system works differently than in a conventional trunk engine. Cylinder lubrication oil is injected from discrete located holes in the cylinder liner. The position of the lubricant injection holes is often approximately 1/3 from top dead center (TDC). The oil film thickness on the liner is assumed to be an approximated local triangle geometry after the injection. A sketch of this is seen in Figure 5 where discrete injection position 1/3 from TDC is sketched. The dimensions are grossly exaggerated.
For comparison between a flat and triangular lubricant profile, the amount of oil injected on the liner is considered constant regardless of the geometry and position i.e.
where R is the radius of the piston and h lube is the lubricant thickness on the liner.
Lubricant consumption
The lubricant consumption roughly consists of three contributions i.e. lubricant combustion, evaporation, and the amount scraped off by the piston ring. Both the combustion and evaporation have been neglected in this study. A two-stroke marine diesel engine works differently than a conventional trunk engine. If lubricant is scraped off by the piston rings, it is considered lost as the large two-stroke engine does not have a lubricant reservoir in the crankshaft area from where it could be reused.
Results and discussion
Operating conditions
For simulating the piston ring lubrication, two different load cases have been used. The first case considers all the gas pressure-related forces of the free body diagram in Figure 2 to be zero. Only the spring tension force and the hydrodynamic force of the lubricant is present. For the second case, an artificial combustion pressure scenario has been implemented to imitate the real operating conditions of the piston ring regarding pressure forces. As mentioned previously, it has been assumed that p 2,gas ¼ 2 3 Á 1,gas . The combustion pressure profile is seen in Figure 6 . This study is neglecting some phenomena, which are present when performing experiments i.e. the temperature dependency on the lubricant viscosity which will be commented on later together with lubricant evaporation. Furthermore, the lubricant is assumed to be new, fresh, and unaffected by the harsh conditions within a combustion engine during the modeling. The viscometric properties of the lubricant due to degradation has been studied by Taylor and Bell, 5 which potentially affect the viscosity and thereby the load-carrying capacity of the lubricant. With the assumption of a continuously supply of fresh oil, the influence of particles in the lubricant does not matter. In a real system, even particles much smaller than the film thickness cause wear, Jacobson 6 which could change the surface appearance as well as the load-carrying capacity of the lubricant. Furthermore the surfaces are assumed smooth.
Beside the two loads, several lubricant injection profiles are investigated. A flat profile together with a ''1/3 injection position profile'' are used. For studying the influence of the loads and lubricant injection profiles, a fixed radius of curvature for the piston ring of 150 mm has been used. The different operating parameters are shown in Table 1 .
Piston ring scraping and lubricant accumulation
Some of the different film thicknesses from Figure 4 are shown in Figure 7 as a function of the crank angle rotation for the initial down and upstroke, 0 44360 . The lubricant profile on the liner is illustrated with the parameter h 1 in . The simulation has been made for flat lubricant injection both with no load in Figure 7 (a) and combustion load in Figure 7 (b). Furthermore, have the simulations been Figure 6 . Combustion pressure profile above, p 1,gas , and below, p 2,gas , the piston ring. made for a ''1/3 lubricant injection position'' with no load in Figure 7 (c) and combustion load in Figure 7(d) .
When looking at the film thicknesses with no load and flat profile in Figure 7( ? , moves towards the center of the ring. Thereby, the wetted length of the piston ring is reduced in order to maintain the loadcarrying capacity of the lubricant.
In the first quarter of the stroke with combustion load and flat profile in Figure 7 (b), pressure in front of the ring is up to 18 MPa, which results in very small film thicknesses to maintain the hydrodynamic pressure and thereby the load-carrying capacity for the force equilibrium of the piston ring. A large amount of oil is accumulated, which ensures that fully flooded conditions are maintained throughout the entire downstroke from 0 44180 , where starved conditions will be present from 5230 and forth. With no load and ''1/3 injection position'' in Figure 7 (c) the result follows the one for no load and flat injection in Figure 7 (a). But at ¼ 54 , the lubricant injection peak is encountered by the piston ring which gives a lubricant build-up. The accumulated oil ensures fully flooded conditions from 54 4480 after which no more build-up is present. The combustion load and ''1/3 injection position'' in Figure 7 (d) are more or less identical with simulation of no load, and flat injection in Figure 7 (b) due to the high combustion pressures ensures a large lubricant accumulation in either case.
The results for film thicknesses in Figure 7 (a) and (b) are illustrated as indices in Figure 8 , where the location for inlet and cavitation points on the piston ring are plotted. The gray area is the length of the active part, where lubricant affects the piston ring. A location of zero or one for, respectively, the first and second stroke indicates fully flooded conditions. As mentioned previously, fully flooded conditions are maintained through half of the stroke with combustion pressure due to accumulation of lubricant with high pressures.
Residual lubricant on the liner
Simulations have been made to investigate the influence of the engine velocity on the residual lubricant left behind on the liner after three crankshaft rotations. A result of the simulation is seen in Figure 9 , where the development in the lubricant on the liner has been plotted as a function of . The lubricant is injected at ¼ 54 and the development goes from the initial lubricant injection profile on the liner to after six strokes for different engine velocities. The simulations have been made for no load and combustion load in Figure 9 (a) and (b), respectively. The appearance of the initial profile is flat with a triangular peak around the injection position. The lubricant profile on the liner after six strokes is computed for three engine velocities i.e. N ¼ 40; 70; 100 ½ r=min, which corresponds to mean piston ring velocities of u x ¼ ½4:96; 8:68; 12:4 m=s. In general, for both kinds of load, an increased velocity increase the ''flattening'' of the lubricant peak. However, the shape of the flattening is very dependent on the load. For no load in Figure 9 (a) the lubricant peak deforms after six strokes but the initial position and shape is somehow preserved. The phenomenon with flattening of the injection peak is considered to be the same regardless of the position of injection. On the other hand, with the combustion pressure in Figure 9(b) , the change in the lubricant profile is significant as the lubricant is pushed towards the center of the liner due to the high combustion pressure around TDC, the high compression pressure around BDC as well as the low velocity around both TDC and BDC. The lubricant has some small peaks for N ¼ ½40; 70 r=minat around ¼ 130 where a pressure drop occurs in Figure 6 .
Lubricant consumption
Lubricant consumption is present where the scraped oil is not utilized before end of the stroke. The consumption is defined as the change in the lubricant amount on the liner from the initial injection to after three crankshaft rotations. The behavior of the consumption as a function of the engine speed and injection profile has been investigated.
The lubricant consumption is illustrated in Figure 10 for both kinds of load and both lubricant injection profiles. The consumption is illustrated for each stroke up to three crankshaft rotations. The tendency for flat injection in Figure 10 after which steady-state occurs. From the second rotation and forth, the lubricant consumption will be steady until additional lubricant is injected. Figure 11 shows the total lubricant consumption after three crankshaft rotations at different engine speeds for flat and ''1/3 injection position.'' For no load and flat injection in Figure 11(a) , the consumption decreases from 10 ! 5 % when the speed is increased from 40 ! 100 r=min. When simulating with combustion pressure, the tendency is similar as the lubricant consumption is decreased from 36 ! 16 % when the speed is increased from 40 ! 100 r=min. When changing the lubricant injection from flat profile to ''1/3 injection position'' profile in Figure 11(b) , the behavior of the consumption is more or less the same where the consumption has increased a few percent for combustion load and decreases a bit with no load. In general, the lubricant consumption is larger when running with combustion load compared to no load. This tendency is strongly influenced by the high pressures of the combustion load which, as mentioned previously, results in low film thicknesses to maintain the force equilibrium of the piston and a large amount of lubricant is accumulated in front of the ring.
The results for lubricant consumption in Figure 12 are expanded to illustrate the overall distribution between down-and upstroke. For the no load and flat profile, situation in Figure 12 (a) the primary stroke for lubricant consumption is the downstroke for all engine velocities but the distribution will even out a bit with increased velocities. For the other scenarios i.e. combustion load and flat injection, no load and ''1/3 injection position'' as well as combustion load and ''1/3 injection position'' in, respectively, Figure 12 (b), (c), and (d), the tendencies are similar to the scenario discussed before where the downstroke holds the majority of the consumption and evens out a bit with increased velocity.
The reason for the downstroke to have the major lubricant consumption is highly influenced by one particular assumption of the numerical model. For doing these simulations, a downstroke is considered to be the initial stroke. If the running conditions result in low film thicknesses at the initial downstroke, a large amount of lubricant is accumulated in front of the ring which might not be utilized before end of the stroke and is therefore lost. If the engine velocity is increased, a larger lubricant pressure will be build-up beneath the piston ring. To overcome this pressure increase, the film thickness increases which allows more lubricant to pass under the ring and not being scraped off. The amount of passed lubricant will then be scraped off in the following upstroke and therefore the distribution is leveled out with increased velocities.
Lubricant film thicknesses
The minimum film thicknesses computed and presented in Figure 7 have averages of h 0,mean % 15 m, which might seem rather high compared to some studies 7, 8 where the average oil film thicknesses were few microns. The most significant difference with respect to the operating conditions from the previous mentioned studies and this article is that the influence of the temperature on the viscosity. Not surprisingly the viscosity as a function of the temperature is important due to its significant role in the pressure generation from Reynolds equation in equation (2) .
On the other hand, some studies support the results of the study by Hamrock and Esfahanian, 1 where the viscosity has been considered independent of the temperature as well as for this article.
Conclusion
The following conclusion has been made: (i) A transient mass conservation for lubrication of the piston ring was imposed in the numerical model. It has been shown to account for lubricant scraped and accumulated in front of the ring together with the following lubricant consumption. (ii) The kind of load e.g. no load versus combustion load has shown to have significant influence on the appearance of the residual lubricant film on the liner. (iii) The downstroke has shown to be the major lubricant consumer with the following upstroke as the minor one. Steady-state conditions regarding the lubricant consumption appears after the first crankshaft rotation and forth. 
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Appendix 1
The flow chart of the numerical algorithm with the new method for mass conservation is seen in Figure 13 . 
